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Executive  Summary 

The  objective  of  the  research  is  to  realize  micro-high-speed  bearings  to  stably  run  a  4mm  diameter 
shaft  of  the  rotordynamic  configuration  equivalent  to  that  with  10mm  diameter  centrifugal  compressor 
and  turbine  at  its  both  end,  at  a  speed  higher  than  870,000  rpm  that  is  required  for  the  100W  class 
micro-gas  turbine. 

In  previous  research  contract,  a  micro-bearing  tester  had  been  developed,  and  770,000  rpm  had  been 
achieved  by  hydroinertia  gas  bearings,  but  could  not  reach  870,000  rpm.  The  maximum  speed  was 
limited  by  whirl  instability.  Hence,  methods  to  enhance  the  anti-whirl  stability  of  micro-hydroinertia  gas 
bearings  have  been  studied. 

To  increase  the  stably  operable  limit  of  the  rotor,  the  effect  of  bearing  clearance,  supply  gas  pressure, 
the  non-uniformity  of  the  journal  bearing  supply  gas  pressure,  and  the  effect  of  the  length  to  diameter 
ratio  (L/D)  have  been  tested.  The  supply  gas  pressure  (Figure  13)  and  the  bearing  clearance  (Figure  14) 
have  been  shown  to  have  large  effects  on  the  anti-whirl  stability.  The  L/D  of  the  journal  bearings  (Figure 
15)  and  the  circumferential  non-uniformity  of  the  supply  gas  pressure  (Figure  17)  have  also  been  shown 
to  have  stabilizing  effect,  although  the  effect  was  not  large  as  expected.  The  reason  for  the  effect  being 
small  is  study  by  CFD  analysis.  The  results  showed  significantly  smaller  pressure  anisotropy  generated 
in  the  bearing  clearance  than  the  pressure  difference  of  the  two  supply  air  pressures  in  orthogonal 
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Fig. 13  Effect  of  the  supply  air  pressure  of 
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Fig.  15  The  effect  of  L/D  of  the  journal 
bearing 
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Fig. 26  Effect  of  the  bearing  length  on  the  pressure  distribution 
(pressure  distribution  averaged  in  x-direction) 


direction  (Figure  26).  The  pressure  anisotropy  provided  by  the  non-uniform  supply  gas  pressure  is  found 
to  diminish  rapidly  unless  the  L/D  is  very  small.  For  the  bearings  with  not-small  L/D,  other  methods 
should  be  studied  to  provide  the  anisotropic  pressure  field  inside  the  bearing  clearance. 

By  selecting  appropriate  combination  of  bearing  clearances,  supply  gas  pressure  and  its  pressure 
anisotropy,  and  L/D,  maximum  rotor  speed  of  891,000  rpm  has  been  achieved.  This  is  certainly  the  world 
record  for  a  rotor  configuration  with  10mm  3-dimensional  (non-MEMS)  turbine  at  the  end  of  the  shaft. 
By  these  results,  the  feasibility  of  the  bearing  for  a  practical  rotor  configuration  to  realize  a  100W  class 
micromachine  gas  turbine  has  successfully  been  proven.  (Figure  28) 


Fig28.  History  of  radial  displacement  on  achieving  the  maximum 
speed  of  891 ,000  rpm 


The  power  required  to  operate  hydroinertia  gas  bearings  and  hydrodynamic  gas  bearings  are 
compareded  based  on  the  analysis  and  the  micro-bearing  test  data.  Although  hydroinertia  gas  bearings 
has  significantly  smaller  viscous  loss  than  hydrodynamic  gas  bearings,  the  total  power  required  to 
operate  the  bearings  is  significantly  larger  for  hydroinertia  gas  bearings  if  the  power  required  to 
generate  the  pressurized  supply  air  is  included.  For  a  rotor  for  100W  gas  turbine  system,  hydroinertia 
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gas  bearings  require  303W,  while  hydrodynamic  gas  bearings  require  68W,  at  the  design  condition.  A 
power  as  large  as  285W  is  consumed  to  generate  the  high  pressure  that  is  required  to  keep  the  stability 
of  the  hydroinertia  gas  bearings  at  high  speed. 

A  set  of  self-acting  Herringbone  grooved  and  spiral  grooved  hydrodynamic  gas  bearings  for  100W  gas 
turbine  rotor  has  been  designed.  The  shaft  diameter  is  increased  to  6mm  to  make  the  fabrication  easier, 
for  the  first  try.  The  designed  bearing  clearances  are  7.5pm  for  the  journal  bearing  and  40pm(total 
clearance)  for  the  thrust  bearing,  which  seem  to  be  practically  feasible  values.  The  bearings  will  be 
fabricated  and  tested  in  option- 1  contract.  At  such  small  bearing  clearance,  the  heat  expansion  effect  will 
become  critical.  Hence,  it  is  recommended  to  also  conduct  studies  on  hydrodynamic  gas  bearings  with 
larger  compliance,  such  as  foil  bearings. 
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1.  Introduction 

1-1.  New  market  for  portable  power  generation 

Since  after  the  MIT  group  started  the  research  on  micromachine  gas  turbine  of  shirt-button  size 
fabricated  by  MEMS  (Microelectromechanical  Systems)  technology  [l],  researches  on  gas  turbines  at 
micro-scale  are  taking  place  at  variety  of  place  over  the  world  mainly  based  on  the  technological  interest 
of  the  researchers.  Meanwhile,  recent  rapid  advancement  in  autonomous  robots  and  mobile  electric 
equipments  are  requiring  better  mobile  power  source  than  batteries.  Although,  battery  is  a  good  power 
source  for  applications  that  require  large  current  to  power  many  servomotors,  it  has  a  weakness  of  low 
energy  density  that  the  operation  time  before  recharging  is  short.  These  day’s  humanoid  robots  can 
operate  only  about  30  minutes  after  half  a  day  of  battery  recharging.  This  will  largely  limit  the 
application  of  humanoid  robots  and  mobile  electric  devices,  and  the  improvement  of  the  battery 
performance  is  desired.  However,  a  lot  of  technology  improvements  have  already  been  achieved  over 
decades,  and  there  is  not  much  room  left  for  the  performance  improvement  of  batteries.  Hence,  increase 
of  the  operable  time  will  require  proportional  increase  of  battery  weight,  which  in  turn,  requires  more 
power.  This  will  cause  a  snowball  effect  that  makes  the  system  large  and  heavy. 

To  increase  the  energy  density  to  achieve  long  operable  time,  some  people  are  expecting  the 
development  of  fuel  cells.  Fuel  cell  is  known  for  its  high  energy  density  and  high  thermal  efficiency. 
However,  it  should  be  noted  that  the  power  density  of  the  fuel  cell  is  low.  It  can  be  used  to  power 
applications  that  require  high  voltage  with  small  current,  but  it  does  not  fit  to  power  electric  motors. 
Large  current  density  causes  significant  drop  of  the  efficiency  in  fuel  cells.  Recent  intense  effort  of 
developing  the  fuel  cell  for  automobiles  may  someday  enable  high  power  density  fuel  cell,  but  it  will  not 
be  in  the  near  future. 


0  200  400  600  800  1000  1200  1400  1600  2000  4000  6000 

Energy  Density,  Wh/kg 

Fig.  1  Various  types  of  portable  power  sources  and  their  applications 
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Power  sources  that  have  both  high  power  density  and  high  energy  density  are  internal  combustion 
engines  as  are  shown  in  Figure  1.  Among  variety  of  internal  combustion  engines,  the  type  that  fits  for 
micro-size  power  sources  for  autonomous  robots  would  be  the  continuous  rotation  type  without  any 
friction  seals  and  with  continuous  combustion,  because  the  surface  roughness,  and  therefore  the  friction 
loss,  and  the  heat  dissipation  will  become  relatively  large  at  micro-scale.  One  of  such  types  of  internal 
combustion  engines  is  gas  turbine.  Gas  turbine  at  micro-scale  can  be  a  good  candidate  for  the  power 
source  for  mobile  machines. 

Among  numbers  of  technologies  required  to  realize  micro-turbo  machines,  the  most  important  and  at 
the  same  time  the  most  difficult  is  to  realize  the  stable  rotation  at  high  speed.  Since  the  achievable 
pressure  ratios  of  turbo  compressors  are  a  function  of  the  circumferential  velocity  of  the  rotor  tip,  the 
rotational  speed  of  the  impeller  is  inversely  proportional  to  the  diameter  of  the  compressor  impeller. 
Hence,  ultra-high-speed  operation  is  required  for  a  compressor  for  a  gas  turbine  at  micro-scale.  The 
required  rotational  speed  for  an  impeller  of  diameter  10mm  will  become  as  high  as  870,000  rpm  to 
achieve  pressure  ratio  3.  If  the  shaft  diameter  is  4mm,  which  was  in  the  case  required  from  the  structure, 
the  DN  number  that  is  the  typical  measure  for  ball  bearings  becomes  as  high  as  3,500,000,  which  is 
beyond  the  value  that  ball  bearings  can  be  used  in  today’s  technology.  Hence,  gas  bearings  will  be  used. 
However,  gas  bearings  have  weakness  of  whirl  instability  at  high  speed.  The  hydrostatic  gas  bearings, 
which  are  the  most  popular  type  of  gas  bearings,  are  known  to  have  the  whirl  instability  speed  at  twice 
the  resonance  speed  of  the  rotor  in  two  dimensional  typical  section  analysis.  Previous  study  on  whirl 
instability  of  various  hydrodynamic  gas  bearings  by  Isomura  et  al.  [2]  showed  that  some  small  stably 
operable  conditions  exist  for  herringbone  type  and  lobe  type  hydrodynamic  gas  bearings,  but  bearing 
clearance  has  to  be  as  small  as  3  to  4pm.  This  bearing  clearance  seems  to  be  too  small  to  be  practical, 
because  heat  generated  by  the  viscous  shear  flow  in  the  small  bearing  clearance  will  cause  heat 
expansion  of  the  shaft  and  the  bearings,  and  it  would  be  difficult  to  maintain  the  required  bearing 
clearance. 

Hence,  the  candidates  of  gas  bearings  to  be  used  for  the  micro-turbo  machines  are  narrowed  down  to 
either  foil  bearings  that  has  a  compliancy,  or  hydroinertia  gas  bearings  that  has  large  bearing  clearance 
and  large  anti-whirl  stability.  Hydroinertia  gas  bearings  are  a  type  of  hydrostatic  gas  bearings  with  large 
bearing  clearance.  Although  the  construction  of  the  both  types  of  bearings  are  the  same,  hydroinertia  gas 
bearings  are  known  to  have  larger  load  capacity  than  usual  hydrostatic  gas  bearings  because  the 
pressure  on  the  both  side  of  the  bearings  will  not  cancel  each  other.  The  supply  gas  flow  in  the  larger 
side  of  the  bearing  clearance  becomes  supersonic  when  the  rotor  shift  to  one  side  of  the  bearing  clearance, 
and  the  pressure  in  the  larger  side  clearance  becomes  suction  force.  The  whirl  frequency  of  the 
hydroinertia  gas  bearings  is  known  to  be  higher  than  that  of  hydrostatic  gas  bearings. 

Since,  foil  bearings  are  studied  extensively  by  specialists  [3],  but  since  hydroinertia  gas  bearings  are 
not  much  studied,  researches  on  hydroinertia  gas  bearings  has  been  conducted  by  the  authors,  and  the 
shaft  speed  as  high  as  770,000  rpm  has  been  achieved  [4] [5],  which  is  still  100,000  rpm  short  of  the 


6 


speed  required  for  the  compressor  to  realize  100W  class  micromachine  gas  turbine.  Hence,  study  on  the 
methods  to  increase  the  stability  of  hydroinertia  gas  bearings  has  to  be  conducted. 

To  increase  the  stability  of  hydrostatic  gas  bearings,  it  is  known  that  the  choice  of  appropriate  bearing 
clearance  and  the  supply  gas  pressure  are  important.  To  increase  the  maximum  achievable  speed  for 
100,000  rpm  to  realize  the  target  speed,  it  is  necessary  to  acquire  quantitative  data  to  use  in  design. 
Hence,  experimental  verification  of  the  stabilizing  effect  of  these  conventional  methods  is  necessary. 

In  addition,  variety  of  methods  to  increase  the  anti-whirl  stability  of  hydrostatic  gas  bearings  have 
been  analyzed  by  Spakovszky  et  al.  [6], [7],  recently.  Since  hydroinertia  gas  bearings  are  a  type  of 
hydrostatic  gas  bearings,  those  methods  are  also  applicable  to  hydroinertia  gas  bearings.  However,  the 
geometry  of  the  bearings  used  by  Spakovszky  et  at.  [6],  [7]  are  very  special  due  to  the  limitation  of  MEMS 
fabrication,  the  effect  of  those  methods  may  not  work  in  the  configuration  we  are  developing.  Hence,  it 
will  also  be  useful  to  conduct  the  experimental  research  to  quantitatively  verify  these  stabilizing  effects. 
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1-2.  Remaining  issues  from  the  previous  contract 

(1)  The  condition  that  the  pneumatic  vibration  occurs  should  be  quantified,  and  the  method  to 
avoid  it  should  be  established. 

(2)  A  method  to  increase  the  whirl  stability  of  hydroinertia  gas  bearings  should  be  established 
based  on  the  analysis  with  compressibility  effect,  and  should  be  validated  by  achieving  870,000 
rpm  in  micro-bearing  test. 

(3)  The  hydroinertia  gas  bearing  test  will  be  continued  until  870,000  rpm  is  achieved. 

(4)  The  high  precision  fabrication  methods  will  be  studied  to  realize  the  required  accuracy  of  the 
bearing  parts,  repeatedly. 

(5)  The  study  on  hydrodynamic  gas  bearings  will  be  continued  to  get  more  quantitative  data  to 
compare  with  the  hydroinertia  gas  bearings. 
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1-3  Objectives  of  the  work 

(1)  Experimentally  confirm  the  effectiveness  of  various  stabilizing  techniques  to  enhance  the 
maximum  achievable  speed  of  the  hydroinertia  gas  bearings  against  whirl  instability. 

(2)  Find  a  combination  of  the  methods  to  achieve  the  stable  operation  at  870,000  rpm,  which  is  the 
rotor  speed  required  for  100W  class  gas  turbine  with  impeller  diameter  10mm. 

(3)  Develop  herringbone  bearings  for  micro-rotors. 
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1-4  Approach  of  the  work 

(1)  Using  the  micro-bearing  tester  developed  in  the  last  contract,  perform  micro -hydroinertia  gas 
bearing  tests  by  changing  the  various  design  parameters,  and  check  the  change  of  stability  limit. 
The  effect  of  following  design  parameters  will  be  studied. 

•  Supply  gas  pressure  of  thrust  bearings 

•  Supply  gas  pressure  of  journal  bearings 

•  Bearing  clearance  of  thrust  bearing 

•  Bearing  length 

•  Pressure  anisotropy  in  journal  bearings 

(2)  Applying  combination  of  stability  enhancing  methods  found  in  (l),  run  the  rotor  at  a  speed  higher 
than  870,000rpm. 

(3)  Design  and  develop  a  herringbone  bearing  tester.  The  shaft  diameter  will  be  larger  than  4mm  for 
the  first  try  to  secure  the  fabrication  accuracy. 
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2.  Experimental  Setup 
2-1.  Micro-Bearing  Tester 

A  micro-bearing  tester  developed  in  the  last  contract  has  been  used  for  the  test.  The  cross  sectional 
view  of  the  micro-bearing  tester  is  shown  in  Figure  2.  Diameter  of  the  journal  bearings  is  4mm,  and  the 
outer  and  inner  diameters  of  the  thrust  bearings  are  10mm  and  5mm,  respectively.  The  thrust  disk  is 
located  at  the  center  of  the  shaft.  The  rotor  is  driven  by  a  radial  turbine  of  diameter  10mm  located  at  an 
end  of  the  shaft.  The  compressor  impeller  of  the  original  turbo  compressor  on  the  other  end  of  the  shaft 
is  replaced  by  a  cylindrical  dummy  compressor  that  simulates  the  weight  and  the  moment  of  inertia  of 
the  original  centrifugal  compressor.  The  reason  for  replacing  the  compressor  with  a  dummy  compressor 
is  to  enable  accurate  displacement  measurement  in  both  radial  and  axial  direction  at  the  location  of  the 
compressor,  using  two  miniature  eddy  current  displacement  sensors  (AEC  PU-03A)  of  diameter  3.1mm. 
The  accurate  displacement  measurements  allowed  the  rotor  to  operate  under  the  whirl  oscillation  up  to  a 
certain  specified  amplitude.  Note  that  the  measurement  position  of  the  radial  displacement  is  located 
outside  of  the  two  journal  bearings.  Hence,  the  measured  amplitude  of  the  radial  displacement  can  be 
larger  than  the  bearing  clearance  when  the  rotor  is  oscillating  at  conical  mode.  The  rotational  speed  is 
measured  by  laser  reflection  probe.  The  rotor  is  made  of  Ti-6A1-4V  and  the  surface  of  the  shaft  is  covered 
with  thickness  2pm  of  CrN  ceramic  coating.  The  rotor  weighs  2.3g,  and  is  balanced  to  the  level  that  the 
residual  unbalance  is  less  than  0.1g-pm,  which  approximately  corresponds  to  G=6  grade.  The  fabricated 
rotor  is  shown  in  Figure  3. 

The  bearing  sleeves  are  made  of  ZrC>2  ceramics.  Each  of  both  thrust  and  journal  bearings  has  8  air 
supply  holes  of  diameter  0.3mm.  Detail  of  the  construction  of  the  bearing  tester  is  explained  in  the  final 
report  of  the  previous  contract.  Modifications  made  for  the  bearing  tester  in  current  contract  are  as 
follows. 

(1)  The  length  of  journal  bearings  is  shortened  from  4mm  to  2.7mm  which  correspond  to  L/D=l  and 
0.675,  respectively. 

(2)  The  supply  gas  feeds  of  the  journal  bearings  are  modified  from  that  explained  in  the  previous  report, 
to  add  a  capability  to  change  the  pressure  of  journal  bearing  supply  gas  for  every  2  holes  to  provide 
pressure  anisotropy  as  shown  in  Figure  4. 

The  micro-bearing  tester  installed  in  the  test  stand  is  shown  in  Figure  5. 
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Fig. 3  Rotor  used  for  the  micro-bearing  test 
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Fig. 4  Arrangement  of  anisotropic  radial  bearing  supply  pressure 


Fig5.  The  micro-bearing  tester  at  test  setup 
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2-2.  Test  Facility  and  the  Data  Acquisition  System 

Anew  test  facility  has  been  prepared  and  provided  by  Tohoku  University.  The  test  facility  is  equipped 
with  a  22kW  class  screw  compressor  and  air  drafting  system  to  have  a  capability  to  accommodate  all  the 
necessary  tests  to  develop  a  500W  class  micromachine  gas  turbine.  The  screw  compressor  provides  the 
pressurized  air  to  drive  the  turbine.  The  air  drafting  system  is  to  provide  fresh  air  to  the  compressor 
inlet,  and  discharge  the  high  temperature  exhaust  gas  to  outside  the  building  in  future  tests  with 
compressor  and  combustor.  The  new  test  facility  and  the  system  diagram  are  shown  in  Figure  6. 

The  volume  flow  rate  and  the  pressure  of  each  bearing  supply  gas  are  measured,  in  addition  to  the 
rotor  vibration  measurement  by  eddy  current  displacement  sensors  on  the  bearing  tester.  The  rotor 
speed  is  measured  by  a  laser  reflection  type  sensor  (Philtec  D-20).  An  1/rev  pulse  is  generated  by  the 
laser  sensor  by  measuring  a  black  mark  on  the  rotor  painted  by  a  marker  pen,  and  then  by  counting  the 
number  of  the  pulse  by  a  pulse  counter.  The  vibration  data  is  sampled  at  50  kHz,  and  Fourier  converted 
to  frequency  domain  data.  Then  the  maximum  amplitude  and  the  frequency  of  the  amplitude  are  tracked 
to  get  the  evolution  of  the  shaft  vibration  amplitude.  All  the  flow  rates,  pressures,  vibration  amplitudes, 
and  the  speed  data  are  sampled  at  10Hz,  and  taken  into  the  Lab  View  real  time  monitoring  and  recording 
system.  In  addition,  the  vibration  data  are  recorded  by  a  separate  high  speed  data  sampling  system  at 
the  sampling  rate  of  125  kHz  to  resolve  the  detailed  phenomena  in  time  domain,  to  be  able  to  analyze  in 
the  case  unexpected  phenomenon  occurred. 


14 


n- 

- C 

A/\/w/y\  c 

o 

— 

vD 

in- 

Vj 

S/ 

_ IL 

-  r 

=L 

V 

PC  PC(LabView)  Data  logger  AD  Converter  Displacement  detectors 

(Eddy  current  type) 

Amplifier  Data  recorder  Pressure  Compressor 
Air  dryer  Filter  Air  flow  meter  Regulator 


Fig.  6  The  test  facility  and  the  test  system 
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3.  Design  of  Micro-Hydoinertia  Gas  Bearing  and  the  Rotor 

The  designed  load  capacities  of  the  tested  hydroinertia  gas  bearings  are  shown  in  Figure  7.  The 
maximum  load  capacity  appears  at  around  18pm  of  the  bearing  clearance  for  the  thrust  bearings  and 
25pm  of  the  bearing  clearance  for  the  journal  bearings  when  the  eccentricity  ratio  s,  that  is  the 
displacement  of  the  rotor  from  the  center  position  divided  by  the  bearing  clearance,  is  about  0.5  to  0.7. 
The  length  of  the  journal  bearings  is  reduced  to  2.7mm  from  the  original  length  of  4mm  to  enhance  the 
anti-whirl  stability.  The  effect  of  the  L/D  (the  length  to  diameter  ratio)  on  the  whirl  instability  by  the 
incompressible  analysis  by  Liu  et  al  [7]  is  shown  in  Figure  8.  This  analysis  is  for  static  air  bearings  with 
bearing  air  supply  at  side,  and  the  analysis  is  incompressible.  Therefore,  the  analysis  may  not 
quantitatively  match  to  current  experiment,  but  will  qualitatively  explain  the  mechanisms  of  the  whirl 
instability  change.  The  analysis  shows  significant  stabilizing  effect  by  reducing  the  L/D  of  the  journal 
bearings. 

The  penalty  paid,  instead,  is  the  reduction  of  the  radial  load  capacity.  Compared  to  the  load  capacity  of 
the  original  journal  bearings  shown  in  Figure  9,  the  load  capacity  of  the  L=2.7mm  journal  bearings  in 
Figure  7  is  reduced  approximately  proportionally  to  the  reduction  of  the  bearing  length.  It  is  seen  that 
the  bearing  clearance  to  provide  the  maximum  load  capacity  is  reduced.  One  possible  reason  for  this 
reduction  of  the  optimum  bearing  clearance  is  that  the  viscous  drag  in  the  journal  bearings  is  reduced  to 
approximately  2/3,  although  further  analysis  has  not  been  conducted  to  prove  the  guess.  The  bearing 
clearance  of  the  thrust  bearings  is  defined  as  the  clearance  between  the  thrust  disk  and  the  bearing 
sleeve  when  the  thrust  disk  is  located  at  the  center  of  the  bearing  housing. 

The  resonance  frequencies  of  the  rotor  are  shown  in  Figure  10.  The  rotor  is  designed  to  have  sufficient 
margin  between  the  target  speed  and  the  resonance  speed  of  1st  bending  mode. 
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Fig.  8  Effect  of  L/D  on  the  whirl  ratio  based  on 
the  method  by  Spakovszky  et  al  [4] 
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Fig.  9  Load  capacity  of  the  original  (L=4mm)  journal  bearings 
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4.  Test  Results 

The  bearing  test  has  conducted  by  monitoring  the  radial  displacement  of  the  rotor  until  the  amplitude 
exceeds  certain  limit.  By  setting  a  uniform  limit,  the  stability  of  the  bearings  can  quantitatively  be 
compared  by  the  rotor  speed  at  the  specified  whirl  amplitude.  In  most  of  the  case  the  limit  is  set  to  40pm. 
The  axial  position  of  the  displacement  measurement  is  not  located  between  the  two  journal  bearings,  so 
the  amplitude  can  be  larger  than  the  bearing  clearance,  if  the  rotor  is  oscillating  at  conical  mode.  The 
bearing  clearance  of  the  journal  bearings  is  30pm.  The  onset  of  the  whirl  oscillation  can  be  seen  from  the 
time  domain  shaft  vibration  data,  but  the  amplitude  is  very  small  at  the  onset  and  it  is  sometimes 
difficult  to  specify  the  onset.  Also,  the  amplitude  doesn’t  diverge  by  increasing  the  rotor  speed  for  while, 
so  it  is  not  practical  to  define  the  whirl  onset  as  the  operable  limit,  which  is  often  considered  as  the 
operable  limit.  The  operable  limit  is  found  as  a  point  that  the  whirl  amplitude  suddenly  starts  growing 
rapidly  by  increasing  the  rotor  speed,  and  is  expected  to  crash  by  increasing  a  couple  of  thousands  rpm 
more  of  the  rotor  speed.  An  example  of  such  change  of  the  whirl  amplitude  observed  during  the  test  is 
shown  in  Figure  11.  To  specify  such  points,  the  amplitude  of  40pm  has  been  selected  as  the  operable 
limit  after  several  trials. 
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Fig.  11  An  example  of  the  evolution  of  whirl  amplitude 
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4-1.  Effect  of  the  Supply  Gas  Pressure 

The  effect  of  the  supply  gas  pressure  has  studied,  first.  The  supply  gas  pressure  of  the  thrust  bearings 
are  changed  from  400kPa  to  700kPa,  while  keeping  the  journal  bearing  pressure  to  a  constant  condition. 
The  journal  bearing  supply  gas  pressure  is  500kPa  and  200kPa  for  two  orthogonal  directions.  The 
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Fig.  12  Effect  of  the  supply  air  pressure  of  the  thrust  bearings 
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Fig.  1 3  Effect  of  the  supply  air  pressure  of  the  journal  bearings 
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maximum  achieved  rotor  speeds  at  each  supply  gas  pressure  of  the  thrust  bearing  are  plotted  in  Figure 
12.  It  is  seen  from  the  figure  that  the  maximum  achieved  speed  increases  almost  linear  to  the  supply  gas 
pressure  of  the  thrust  bearings.  The  increase  of  the  supply  gas  pressure  has  a  significant  stabilizing 
effect  on  the  maximum  achievable  speed.  The  speed  is  increased  for  approximately  25%  from  680000 
rpm  to  840000  rpm  when  the  supply  gas  pressure  is  increased  for  50%  from  400kPa  to  600kPa.  Hence, 
0.5%  of  the  maximum  achieved  speed  increases  for  every  percent  of  the  thrust  bearing  supply  pressure 
increase. 

The  effect  of  the  supply  gas  is  also  tested  for  the  journal  bearings.  The  supply  gas  pressure  of  the 
journal  bearings  is  set  to  500kPa  and  600kPa,  while  that  of  the  thrust  bearings  is  set  to  600kPa.  Since 
the  bearing  clearance  is  different  from  the  data  in  Figure  12,  the  test  results  are  shown  in  Figure  13 
after  being  normalized  by  the  value  at  500kPa  condition.  In  the  figure,  the  theoretical  result  based  on 
the  incompressible  analysis  of  the  journal  bearings  by  Liu  et  al.  [7],  and  the  test  results  of  varying  the 
thrust  bearing  pressure  are  also  plotted.  The  test  results  of  the  journal  bearings  show  a  good  match  to 
the  theoretical  results,  and  also  to  the  thrust  bearing  test  results.  It  is  shown  that  the  thrust  bearings 
and  the  journal  bearings  have  almost  the  same  rate  of  stabilizing  effects  in  current  rotor. 
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4-2.  Effect  of  the  Bearing  Clearance 

Since  the  maximum  achievable  speed  is  affected  by  how  much  of  the  load  due  to  the  whirl  oscillation 
the  bearing  can  hold,  the  bearing  is  expected  to  show  higher  maximum  operable  speed  with  larger  load 
capacity  condition  if  the  whirl  excitation  energy  is  the  same.  The  maximum  achievable  speed  at  various 
bearing  clearance  of  the  thrust  bearings  is  shown  in  Figure  14.  The  figure  shows  that  the  thrust  bearing 
clearance  has  large  effect  on  the  maximum  achievable  speed,  and  it  can  be  seen  that  the  bearing 
clearance  to  provide  the  highest  operation  speed  matches  to  that  to  provide  the  largest  load  capacity  at 
eccentricity  ratio  s=0.6  at  Figure  7(a).  The  data  shows  that  the  maximum  achieved  speed  has  its 
maximum  value  at  the  bearing  clearance  of  approximately  15pm,  and  that  approximately  10%  increase 
of  the  maximum  speed  is  obtained  when  the  bearing  clearance  is  reduced  from  20pm  to  15pm.  From  the 
design  data  of  Figure  7(a),  the  thrust  bearing  is  supposed  to  be  generating  approximately  20%  increase 
of  the  load  capacity.  This  is  0.5%  of  the  maximum  achievable  speed  increase  for  every  percent  of  the  load 
capacity  increase.  It  is  seen  by  comparing  Figure  14  and  7(a)  that  the  selection  of  the  clearance  of  the 
thrust  bearings  has  significant  effect  on  the  maximum  achievable  rotor  speed. 

This  increase  rate  matches  to  that  observed  in  bearing  clearance  test. 

The  bearing  clearance  of  the  journal  bearings  is  not  easy  to  change.  Hence,  the  effect  of  the  bearing 
clearance  of  the  journal  bearing  could  not  be  tested. 


1000000 

FI 

e 

£ 

-o  ^00000 
aj 

CL 

n 

T3 

>  ‘<300000 

_c 
u 
c 

3  700000 

.5 

x 

03 
2= 

tooooo 

10  IS  SO  ES 

T  hrustB  earing  C  barance  E  ml 
Fig.  14  The  effect  of  the  thrust  bearing  clearance 


23 


4-3.  Effect  of  L/D 

From  the  incompressible  analysis,  the  smaller  bearing  length  to  diameter  ratio  (L/D)  is  supposed  to 
provide  higher  stability  against  whirl.  The  test  results  show  the  same  tendency  as  the  analysis  that  the 
stability  increases  as  the  L/D  is  decreased,  but  with  an  order  smaller  effect.  The  results  are  shown  in 
Figure  15.  The  condition  of  the  supply  gas  pressure  is  500  and  400kPa  for  the  high  pressure  side  and  the 
low  pressure  side  of  the  journal  bearings,  respectively.  The  pressure  of  the  thrust  bearings  is  700kPa. 
This  tendency  of  smaller  effect  than  theory  is  just  the  same  as  that  found  in  the  section  of  the  effect  of 
the  non-uniform  supply  gas  pressure.  The  reduction  of  the  bearing  length  is  expected  to  have  effect  of 
increasing  the  circumferential  non-uniformity  of  the  pressure  distribution  in  the  bearing  clearance,  from 
the  same  distribution  of  the  supply  gas  pressure.  This  effect  will  be  checked  by  numerical  simulations  in 
future. 
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4-4.  Effect  of  Circumferential  Anisotropy  of  Journal  Bearing  Supply  Gas 
Pressure 

Due  to  the  study  by  Liu  et  al  [7],  giving  anisotropy  to  the  supply  gas  pressure  of  journal  bearings  in 
two  orthogonal  direction  will  have  a  significant  stabilizing  effect.  To  check  this  effect,  the  supply  gas 
pressure  of  the  journal  bearings  is  changed  for  every  2  supply  gas  holes  out  of  8  holes  as  shown  in  Figure 
4.  The  pressure  of  thrust  bearings  is  kept  to  700kPa,  and  the  high  side  pressure  of  the  journal  bearings 
is  kept  to  500kPa.  Only  the  low  side  pressure  of  the  journal  bearing  has  been  changed.  The  test  results 
are  shown  in  Figure  16.  Increase  of  the  maximum  speed  is  seen  by  increasing  the  difference  between  the 
two  pressures  by  reducing  the  low  pressure  of  the  journal  bearings.  However,  the  stabilizing  effect  has 
been  found  to  be  very  small.  The  increase  of  the  maximum  speed  by  reducing  the  low  side  pressure  from 
500kPa  to  150kPa  is  only  10,000  rpm,  and  the  rotor  became  unstable  when  the  low  side  pressure  has 
further  been  reduced. 

The  theoretical  results  of  the  incompressible  analysis  by  Liu  et  al.[7]  are  plotted  in  Figure  16  in 
comparison  to  the  test  data.  The  stability  is  increased  in  both  cases  by  reducing  the  lower  side  pressure, 
but  the  trends  are  very  different  in  two  points.  First,  the  maximum  speed  is  only  twice  the  cylindrical 
mode  resonance  frequency  in  the  analysis,  while  the  measured  value  is  over  880,000  rpm  when  the 
journal  supply  pressure  is  uniform  at  500kPa.  Secondly,  the  gradient  of  the  maximum  achieved  speed 
change  is  two  orders  smaller  than  that  predicted  by  the  incompressible  analysis.  The  10,000  rpm 
increase  of  the  maximum  speed  is  achieved  by  reducing  the  lower  side  journal  bearing  supply  gas 
pressure  from  500kPa  to  150kPa  in  the  test  data,  the  same  10,000  rpm  increase  of  the  maximum  speed 
is  achieved  by  reducing  the  pressure  for  only  5kPa  to  495kPa  from  500kPa  in  the  incompressible 
analysis. 

A  reason  for  the  discrepancy  at  500kPa  is  expected  to  be  the  compressibility  effect.  The  analysis  is  the 
incompressible  analysis  at  a  two  dimensional  section,  the  whirl  ratio  at  uniform  supply  gas  pressure  is 
always  2,  and  the  shaft  resonance  speed  is  the  cylindrical  mode  without  rotor  flexure.  The  hydroinertia 
gas  bearings  have  a  region  of  supersonic  flow  in  the  bearing  clearance,  and  therefore,  the  flow  is 
compressible.  Also,  the  hydroinertia  gas  bearings  are  known  to  have  whirl  ratio  larger  than  2  even  at 
uniform  supply  gas  pressure  due  to  the  compressibility  effect. 

A  possible  reason  of  the  over  prediction  by  the  theory  at  lower  pressure  is  the  possibility  of  pressure 
non-uniformity  not  being  generated  in  the  bearing  gap  as  intended.  If  the  bearing  length  is  very  short, 
the  local  pressure  would  be  the  supply  gas  pressure  from  the  closest  supply  hole.  However,  current 
bearing  has  a  bearing  length  of  2.7mm  while  the  bearing  diameter  is  4mm.  If  the  cylindrical  surface  of 
the  journal  bearing  is  expanded  and  suppose  a  supply  gas  hole  is  working  up  to  the  mid  point  between 
the  adjacent  supply  gas  holes,  the  width  of  the  area  that  a  hole  is  working  is  1.57mm.  Since  the  bearing 
length  is  2.7mm,  it  can  easily  be  understood  that  the  high  side  pressure  will  influence  over  most  of  the 
bearing  surface  area.  The  pressure  anisotropy  will  work  fine  when  the  bearing  length  is  extremely  short 
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that  the  pressure  from  the  adjacent  gas  supply  hole  won’t  have  significant  effect.  Whether  this  guess  is 
correct  or  not  is  checked  by  numerical  simulations. 


0  100  200  300  400  500  600 

Radial  bearing  pressure,  Pradiai  or  Prac ld>y  (kRa) 

Fig.  16  The  effect  of  the  anisotropic  supply  pressure  of  journal  bearings 
on  the  maximum  achieved  rotor  speed 
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.17  The  effect  of  non-uniform  journal  bearing  supply  gas  pressure 
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4-5.  Analysis  of  the  reasons  for  small  pressure  anisotropy  and  L/D  effects 

In  previous  2  sections,  the  experimental  results  showed  large  discrepancy  from  the  analysis.  The  effect  of 
pressure  anisotropy  and  the  L/D  on  the  whirl  instability  was  significantly  smaller  than  the 
incompressible  analysis  results  by  Liu  et  al  [7].  One  possible  reason  is  that  the  analysis  by  Liu  et  al 
assumes  a  special  configuration  of  static  air  bearings  for  MEMS  rotor  under  development  at  MIT.  It  has 
very  small  L  and  the  bearing  pressure  is  supplied  from  one  side  of  the  bearing.  The  analysis  assumes  the 
bearing  supply  air  flows  straight  in  axial  direction,  and  has  no  circumferential  flow  components.  Hence, 
at  each  circumferential  position,  the  pressure  in  the  bearing  gap  is  assumed  to  change  linearly  from 
supply  pressure  to  ambient  pressure  without  the  effect  of  circumferentially  adjacent  section  of  the 
supply  air  flow. 

In  current  bearing  configuration,  L  is  in  the  same  order  of  magnitude  to  the  diameter,  and  the 
bearing  supply  air  is  supplied  from  8  circumferentially  discrete  supply  air  holes.  The  air  in  the  bearing 
clearance  initially  flows  radially  outward  from  the  supply  air  holes,  and  then  turns  to  the  direction  of  the 
bearing  axis.  Hence,  the  pressure  distribution  can  totally  be  different  from  that  modeled  in  Liu  et  al’s 
analysis. 

To  check  this  effect,  CFD  simulation  of  the  flow  inside  the  bearing  clearance  with  anisotropic 
pressure  supply  has  been  performed  for  various  low  side  supply  air  pressure  and  L/D,  by  steady  viscous 
compressible  calculations.  The  governing  equations  of  the  code  are  three-dimensional  thin  shear  layer 
Navier-Stokes  equations.  The  numerical  fluxes  for  the  convective  terms  are  evaluated  by  the  SHUS 
scheme  (Simple  High-resolution  Upwind  Scheme)  [8],  which  is  a  family  of  the  AUSM  (Advanced 
Upstream  Splitting  Method)-type  scheme  [9],  and  is  extended  to  higher-order  by  the  MUSCL  (Monotone 
Upstream-centered  Schemes  for  Conservation  Law)  interpolation  based  on  the  primitive  variables  [10] . 
The  LU-ADI  (Lower-Upper  Alternating  Directional  Implicit)  factorized  implicit  algorithm  is  employed  for 
the  time  integration  [ll] .  The  turbulence  model  by  Spalart  &  Allmaras  [12]  has  been  used  for  all 
calculation  domains.  The  rotor  wall  boundary  is  not  moving. 

Circumferentially  one  quarter  of  the  bearing  clearance  is  calculated.  A  segment  includes  a  high 
pressure  port  and  a  low  pressure  port.  No  bearing  eccentricity  is  modeled,  and  uniform  bearing  clearance 
is  assumed.  The  calculated  circumferential  pressure  distribution  at  the  center  plain  (the  plain  that 
contains  supply  air  holes,  x=L/2),  the  plain  between  the  center  plain  and  the  bearing  edge  (x=L/4),  and 
the  area  averaged  pressure  in  x-direction  are  shown  in  Figure  19(a),  (b),  and  (c),  respectively.  It  is  seen 
from  the  figure  that  the  maximum  pressure  difference  in  the  bearing  clearance  has  reduced  to  1/10,  from 
approximately  0.4MPa  (P/Pam b=4)  to  0.04MPa  (P/Pamb=0.4).  The  circumferential  non-uniformity  of  the 
pressure  in  the  area-averaged  pressure  is  very  small.  The  pressure  distributions  in  Figure  20  show  that 
the  pressure  at  the  outer  half  of  the  bearing  is  almost  uniform  in  circumferential  direction,  due  to  the 
circumferentially  uniform  ambient  pressure.  The  circumferential  anisotropy  generated  by  the  supply  air 
rapidly  decays  in  axial  direction.  The  pressure  anisotropy  is  significant  only  in  the  plain  containing  the 
supply  air  holes. 
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2  more  cases,  a  longer  L  (L=4mm)  and  a  shorter  L  (L=lmm),  are  calculated.  It  is  seen  from  Figure  21 
and  22  that  significant  pressure  anisotropy  is  seen  only  when  the  length  L  is  very  small.  In  addition  to 
that  the  pressure  anisotropy  becomes  significantly  small  at  outside  the  plain  containing  the  supply  air 
holes  as  are  shown  in  Figure  23  and  24,  the  pressure  anisotropy  at  x=L/4  reduces  almost  inversely 
proportional  to  the  bearing  length  L  as  shown  in  Figure  25.  If  the  pressure  is  averaged  out  in  x  direction, 
the  reduction  rate  of  the  effect  of  anisotropy  is  even  larger.  Since  the  first  harmonics  of  the  pressure 
anisotropy  are  the  important  measure  to  quantitatively  compare  the  effect,  the  pressure  amplitude  of 
the  first  harmonics  are  calculated  from  the  x-averaged  pressure  distribution  at  P/Pamb=5. 0-1.5  shown  in 
Figure  26(a).  The  results  in  Figure  26(b)  shows  that  the  pressure  amplitude  reduces  to  almost  1/10  by 
increasing  the  bearing  length  L  from  L/D=0.25  (L=lmm)  to  L/D=0.675  (L=2.7mm).  The  pressure 
amplitude  shows  minimum  at  L/D=0.675  (L=2.7mm)  and  this  is  seen  from  Figure  25(a)  that  the  low 
pressure  near  the  pressure  supply  hole  due  to  high-speed  supply  air  flow  is  canceling  the  high-pressure 
generated  by  the  supply  air.  Hence,  the  pressure  anisotropy  generated  by  non-uniform  supply  air 
pressure  cannot  have  large  stabilizing  effect  as  intended.  The  stabilizing  effect  based  on  the  averaged 
pressure  anisotropy  in  Figure  26(b)  by  incompressible  theory  by  Liu  et  al.  [6]  is  compared  with  the 
experimental  result  in  Figure  27.  The  theory  still  shows  larger  stabilizing  effect  than  the  experimental 
results,  although  the  order  of  the  magnitude  of  the  effect  becomes  comparable.  The  stability  increase  It 
may  be  better  generate  the  pressure  anisotropy  by  hydrodynamic  effect  by  lobe  or  wave  cross  sectional 
shape  of  the  rotor  shaft  or  bearing  sleeves  so  that  the  pressure  anisotropy  is  generated  also  near  the 
edge  of  the  bearings. 
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(a)  pressure  distribution  at  x=L/2 
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(b)  pressure  distribution  at  x=L/4 

Fig. 19  Circumferential  pressure  distribution  in  a  journal  bearing  clearance 
(L=2.7mm,  L/D=0.675) 
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(c)  pressure  distribution  averaged  in  x  direction 
Fig. 19  Circumferential  pressure  distribution  in  a  journal  bearing  clearance 
(L=2.7mm,  L/D=0.675)  (continued) 
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L=2.7mm,  0.5MPa-0.5MPa 


L=2.7mm,  0.5MPa-0.2MPa 


L=2.7mm,  0.5MPa-0.4MPa 
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L=2.7mm,  0.5MPa-0.3MPa 
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Fig. 20  Pressure  distribution  in  a  journal 
bearing  clearance 
(L=2.7mm,  L/D=0.675) 
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(a)  L=1mm,  L/D=0.25 
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(b)  L=4mm,  L/D=1 

Fig. 21  Circumferential  pressure  distribution  in  a  journal  bearing  clearance 
(pressure  distribution  at  x=L/4) 
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(b)  L=4mm,  L/D=1 

Fig. 22  Circumferential  pressure  distribution  in  a  journal  bearing  clearance 
(pressure  distribution  averaged  in  x-direction) 
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Fig. 23  Pressure  distribution  in  a  journal 
bearing  clearance 
(L=1mm,  L/D=0.25) 
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Fig. 25  Maximum  pressure  anisotropy  at  L/4  for  various  L/D 
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(a)  Pressure  Distribution 
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(b)  Pressure  Amplitude 

Fig. 26  Effect  of  the  bearing  length  on  the  pressure  distribution 
(pressure  distribution  averaged  in  x-direction) 
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Fig. 27  Comparison  of  the  non-uniform  journal  bearing  supply  air  effect  with  the 

theory  with  averaged  pressure 
(Pthrust=700kPa,  Pjournal(high)=500kPa) 
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4-6.  Maximum  Rotor  Speed 

From  the  knowledge  on  the  effectiveness  of  all  the  possible  stability  enhancing  methods  shown  above, 
a  combination  of  the  condition  to  achieve  the  target  rotor  speed  of  870,000  rpm,  which  is  required  to 
generate  pressure  ratio  3  from  an  compressor  impeller  of  diameter  10mm  to  realize  the  100W  class 
micromachine  gas  turbine  has  been  found.  The  important  parameter  is  the  bearing  clearance  and  the 
supply  gas  pressure.  The  bearing  clearances  of  the  journal  bearings  and  the  thrust  bearings  are  selected 
that  the  bearings  generate  the  maximum  possible  load  capacity.  The  bearing  clearances  of  the  journal 
bearings  and  the  thrust  bearings  are  30pm  and  17pm,  respectively.  The  supply  gas  pressure  of  the  thrust 
bearings  is  selected  to  be  700kPa.  That  of  journal  bearings  are  selected  to  be  500kPa  and  200kPa  for  the 
high  pressure  side  and  the  low  pressure  side,  respectively.  The  non-uniformity  of  the  journal  bearing 
supply  gas  pressure  doesn’t  have  large  stabilizing  effect,  but  by  reducing  the  pressure,  significant 
amount  of  bearing  supply  gas  flow  is  saved,  and  this  is  also  an  advantage  of  applying  pressure 
anisotropy.  The  L/D  is  selected  to  be  2.7.  With  these  conditions,  891,000  rpm  has  been  achieved  by  the 
micro-bearing  test,  as  is  shown  in  Figure  28.  The  target  rotor  speed  has  successfully  been  achieved  and 
the  feasibility  of  the  bearing  speed  required  to  realize  a  100W  class  micromachine  gas  turbine  has 
successfully  been  proven. 
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Rotor  Speed  Hrpm  ] 


Fig28.  History  of  radial  displacement  on  achieving  the  maximum  speed  of  891 ,000  rpm 
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The  rotor  vibration  signals  of  radial  and  axial  direction  in  time  domain  are  shown  in  Figure  29.  The 
figure  shows  two  dominant  frequencies  in  radial  displacement  data.  The  high  frequency  component  is 
1/rev  signal  and  the  low  frequency  component  is  whirl  oscillation.  The  frequency  of  the  1/rev  signal  is  8 
times  that  of  the  whirl  oscillation.  This  suggests  that  the  whirl  frequency  of  approximately  ll,000rpm  is 
still  lower  than  the  first  critical  speed,  which  is  predicted  to  be  less  than  10,000rpm  in  Figure  10.  The 
effect  of  the  thrust  bearing  supply  gas  on  the  conical  mode  natural  frequency  is  not  included  in  the 
rotordynamic  analysis  performed  to  make  Figure  1.  From  Figure  27,  the  first  resonance  point  is  expected 
to  be  around  900,000rpm,  hence  the  actual  first  resonance  frequency  is  expected  to  be  around 
ll,2500rpm. 
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4-7.  Power  Requirements 


Since  the  condition  of  the  hydroinertia  gas  bearings  to  stably  run  the  rotor  at  870,000  rpm  has 
experimentally  found,  the  power  required  to  drive  the  rotor  can  now  be  calculated.  The  power  required  to 
drive  the  rotor  supported  by  hydroinertia  gas  bearings  corresponds  to  the  sum  of  viscous  losses  and  the 
power  to  generate  the  pressurized  feeding  gas,  while  it  corresponds  only  to  the  viscous  losses  for 
hydrodynamic  gas  bearings.  Hence,  the  total  power  required  to  drive  types  of  gas  bearings  in 
consideration. 

The  viscous  loss  of  journal  and  thrust  bearings  at  various  bearing  clearances  are  shown  in  Figure  30. 
Bearing  clearance  5pm  approximately  corresponds  to  hydrodynamic  gas  bearings,  such  as  herring-bone 
groove  bearings  and  foil  bearings.  Bearing  clearance  30pm  for  journal  bearings  and  15‘20pm  for  thrust 
bearings  corresponds  to  hydroinertia  gas  bearings.  The  breakdown  of  the  required  total  power  is  shown 
in  Table  3. 


Table. 3  Power  required  to  drive  the  4mm  rotor  to  870,000rpm 


Bearing  Type 

Viscous  Loss 

[W] 

Supply  gas 
power  [W] 

Pressure 

Flow  rate 

Hydroinertia 

2  Journals 

2 

121 

13 

0.2MPa-g 

6SLM 

108 

0.6MPa-g 

34SLM 

2  Thrusts 

16 

164 

0.7MPa-g 

42SLM 

Subtotal 

18 

285 

Total 

303W 

Hydrodynamic 

2  Journals 

12 

- 

2  Thrusts 

56 

- 

Subtotal 

68 

- 

Total 

68W 

Although  the  viscous  loss  is  far  lower  than  that  of  hydrodynamic  gas  bearings,  the  power  required  to 
generate  the  pressurized  bearing  supply  gas  is  very  large  because  the  required  pressure  found  in  the 
bearings  tests  is  very  high.  Note  that  the  supply  gas  power  in  Table  3  is  the  required  power  to  generate 
the  supply  gas  of  specified  pressure  and  flow  rate  by  a  compressor  of  100%  efficiency,  and  the  actual 
power  required  to  generate  the  pressurized  supply  gas  is  higher.  Hence,  hydroinertia  gas  bearings  will 
require  5  times  larger  power  to  operate  than  hydrodynamic  gas  bearings.  Therefore,  it  is  better  to  use 
hydrodynamic  gas  bearings  if  they  can  provide  stable  operation  at  the  design  speed  as  high  as 
870,000rpm,  and  the  study  on  hydrodynamic  gas  bearings  should  be  continued  to  find  the  capability  of 
stable  operation  at  the  design  speed. 
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(a)  Journal  bearing 


(b)  Thrust  bearing 

Fig. 30  Viscous  loss  of  the  bearing  at  various  clearances 
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5.  Design  of  Hydrodynamic  air  bearings 

Although  the  target  speed  has  successfully  been  achieved  by  hydroinertia  air  bearings,  it  has  been  found 
that  the  bearings  require  significantly  high  supply  air  pressure  to  sustain  the  stability  at  current  high 
speed,  and  the  power  required  to  generate  the  high  pressure  supply  air  is  very  large.  From  the  power 
requirement  and  also  from  the  simplicity  of  the  system  without  supply  air  system,  hydrodynamic  air 
bearings  should  also  be  studied. 

To  begin  the  study,  first,  Herringbone  and  spiral-groove  type  hydrodynamic  air  bearings  are  designed. 
These  types  are  chosen  because  they  have  following  advantages. 

(1)  A  lot  of  information  based  on  experience  on  their  design  and  performance  are  available. 

(2)  The  required  anti-whirl  stability  can  theoretically  be  obtained. 

(3)  The  bearings  can  be  fabricated  by  technology  available  in  our  research  group. 

The  weaknesses  of  these  types  of  bearings  are  as  follows. 

(1)  Load  capacity  is  small  at  low  speed 

(2)  Requirs  high  accuracy  fabrication  of  sub-micron  level  because  the  bearing  clearance  is  an 
order  smaller  than  hydroinertia  air  bearings. 

(3)  Compliancy  of  the  bearing  is  extremely  small  due  to  rigid  wall  and  small  bearing  clearance. 
Hence  in  practical  design,  extra  care  should  be  taken  for  material  selection  that  the 
difference  of  thermal  expansion  rates  of  the  rotor  and  the  bearing  sleeves  is  small. 

In  following  subsections,  the  hydrodynamic  air  bearings  are  designed  within  the  bearing  clearances 
those  seem  to  be  practically  feasible  values. 
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5*1.  Design  of  self-acting  Herringbone  grooved  journal  bearings 

The  self-acting  Herringbone  grooved  hydrodynamic  air  bearing  has  been  designed  by  a  method  compiled 
by  Togo  [13].  The  method  uses  the  empirical  database  tabulated  in  reference  13.  For  the  first  design 
practice,  the  shaft  diameter  D  is  selected  to  be  6mm  to  make  the  fabrication  easier.  To  have  the  same 
circumferential  speed,  the  rotor  speed  is  set  to  600,000rpm.  The  bearing  length  L  is  selected  to  be  6mm, 
the  same  as  the  shaft  diameter  D.  The  weight  of  the  designed  rotor  is  6.74g  by  separate  structural 
design.  Hence  the  weight  that  each  of  the  2  journal  bearings  have  to  support  is  3.37g.  Now,  using 
following  relations  with  tabulated  data,  3  major  parameters  are  calculated  as  follows,  after  some 
iterations. 

Bearing  Number 


A  = 


6/uoo 


R_ 


=  10.7 


Load  Capacity 

W  =  ePaDLW  =  mj  2  =  3.37 


(eq.l) 


(eq.2) 


Dimensionless  Mass  Parameter 


M.  = 


mP , 


2ju~L 


C r_ 

\R  J 


=  8.61 


(eq.3) 


where,  R  =  journal  radius  =  3  [mm] 

Cr  =  bearing  clearance  =  7.5  [pm] 

CO  =  rotational  speed  =  20,000k  [rad/sec] 
m  =  rotor  mass  =  6.74  [g] 

/j  =  viscosity  coefficient  of  the  air=l. 833x10  10[kgf-s/cm2] 

Pa  =  ambient  pressure=1.033[kgf/cm2] 

£  =  eccentricity  ratio=displacement  of  the  rotor/ Cr  -  0.4 

W  =  non-dimensional  load  capacity  (from  the  table  in  ref[l3])  =  0.654 
The  other  parameters  are  found  as  follows  from  the  table  4.4  in  ref[l3]. 

C 

Clearance  ratio  T  =  — —  =  2.54  where,  Cg  =  bearing  clearance  at  the  groove  =  11.5  [pm]. 


Groove  width  ratio  a  = 


a  g  +  ar 


=0.6 


where,  aa  =  groove  width=l. 028  [mm],  ar  =  ridge  width, 
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a„  +  ar  = - ,  and  N  =  number  of  grooves  =  selected  to  be  11. 

N, 

L 

Groove  length  ratio  Z  =  — -=1  where,  L  =  groove  length. 

L  s 

Groove  angle  /?  =34.1  [deg]. 

The  definition  of  various  geometric  parameters  are  shown  in  Figure  31. 


Fig. 31  Definition  of  various  bearing  geometric  parameters 
of  self-acting  Herringbone  grooved  journal  bearing 
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5*2.  Design  of  self-acting  Spiral  grooved  thrust  bearings 

The  type  of  thrust  bearing  is  selected  to  be  a  pump-in  type  self-acting  spiral  grooved  bearing  to  locate  the 
thrust  disk  at  the  outside  of  the  shaft.  The  definitions  of  the  geometric  parameters  are  shown  in  Figure 
32.  The  inner  diameter  2Ri  is  set  to  be  6.3mm  to  set  the  bearing  outside  the  6mm  shaft,  and  the  outer 
diameter  2Ro  is  set  to  be  twice  the  inner  diameter,  12.6mm.  The  load  capacity  of  the  thrust  bearing  is 
required  to  be  larger  than  400gf  at  600,000rpm  of  the  rotor  speed.  Then  the  required  bearing  clearance  h 
is  calculated  from  the  following  equations  and  the  data  table  4.1  in  ref[l3]  as  follows. 

3  ( R  2  -  R  2  ^ 

Bearing  Number  A  =  — —  — - — - — —  =23.6, 

P  h 

“  V  J 

Load  Capacity  W  =  7iPa(R0~  -R~)W  =415.4  [gf] 

where,  h  =  bearing  clearance  =  6.5  [pm] 

W  =  0.68  from  the  data  table  4.1  in  ref  [13] 

0)  =  rotational  speed  =  20,000k  [rad/sec] 

/u  =  viscosity  coefficient  of  the  air=1.833xl0'10[kgf-s/cm2] 

Pa  =  ambient  pressure=1.033[kgf/cm2] 
and  the  other  parameters  are  found  from  the  table  4.1  in  ref  [13]  as  follows. 

hg  -  h  =  3h  =  groove  depth  =  19.5  [pm] 

bx  =land  width  =  1.9  [mm] 
b2  =  groove  width  =1.2  [mm] 

R0  -  R 

- —  =  groove  end  radius  ratio  =  0.7. 

R„-R, 

Now,  since  the  calculated  load  capacity  is  that  of  one  thrust  bearing,  and  thrust  bearings  will  be  used  in 
a  pair  to  keep  the  axial  position  of  the  rotor,  actual  load  capacity  to  work  on  the  rotor  is  the  difference  of 
the  load  capacities  of  the  two  thrust  bearings.  Hence  the  bearing  clearance  to  make  the  load  capacity  of 
the  other  side  of  the  thrust  bearing  lower  than  415.4  g  (calculated  value)  -  400  g  (requirement)  =  15. 4g, 
will  be  calculated  by  a  similar  way.  The  calculation  tells  that  the  load  capacity  reduces  to  W=9.7g  at 
h=33.5pm.  Hence  the  total  clearance  of  the  thrust  bearing,  which  is  the  addition  of  these  two  numbers,  is 
40  pm. 
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Fig. 32  Definition  of  various  bearing  geometric  parameters 
of  pump-in  type  self-acting  spiral  grooved  thrust  bearing 
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6.  Summary 

1.  A  micro-bearing  tester  has  been  developed,  and  successfully  used  to  test  the  hydroinertia  gas 
bearings  of  journal  diameter  4mm  and  the  thrust  disk  outer  diameter  10mm. 

2.  The  effect  of  the  bearing  supply  gas  pressure  and  the  bearing  clearances  are  found  to  be  have  large 
effect  on  increasing  the  maximum  achievable  rotor  speed. 

3.  The  pressure  anisotropy  and  the  L/D  of  the  journal  bearings  are  shown  to  have  stabilizing  effect  for 
the  whirl  instability,  but  the  effect  has  been  found  to  be  significantly  small  compared  to  the 
incompressible  analysis  results.  The  reason  of  these  effects  being  small  is  analyzed  by  the  numerical 
simulation  of  the  flow  inside  the  bearing.  The  pressure  anisotropy  is  found  to  be  reduced  rapidly 
when  the  L/D  of  the  bearing  is  not  very  small. 

4.  By  selecting  appropriate  bearing  clearances,  supply  gas  pressure  and  its  non-uniformity,  and  L/D, 
maximum  rotor  speed  of  891,000  rpm  has  been  achieved.  This  is  certainly  the  world  record  for  a 
configuration  with  10mm  3-dimensional  (non-MEMS)  turbine  at  the  end  of  the  shaft.  The  feasibility 
of  the  bearing  for  a  practical  rotor  configuration  to  realize  a  100W  class  micromachine  gas  turbine 
has  successfully  been  proven. 

5.  Hydroinertia  air  bearings  require  relatively  large  amount  of  high  pressure  supply  air.  Hence  the  total 
power  required  to  operate  the  rotor-bearing  system  including  that  to  compress  the  air,  is  found  to  be 
larger  for  hydroinertia  air  bearings  than  for  hydrodynamic  air  bearings. 

6.  A  set  of  self-acting  Herringbone  and  Spiral  grooved  hydrodynamic  air  bearings  is  designed  for  6mm 
shaft.  The  designed  bearing  clearances  are  7.5pm  for  the  journal  bearing  and  40pm(total  clearance) 
for  the  thrust  bearing,  which  seem  to  be  practically  feasible  values. 
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7.  Remaining  works 

(1)  The  self-acting  Herringbone  and  Spiral  grooved  hydrodynamic  air  bearings  will  be  fabricated  and  be 
tested. 

(2)  Hydrodynamic  air  bearings  with  larger  compliancy  should  be  studied.  Studies  on  foil  bearings  will  be 
conducted. 

(3)  Rotordynamics  of  the  shaft  to  integrate  the  bearing  systems  in  gas  turbine/  jet  engine  system  should 
be  studied. 

(4)  The  effect  of  the  heat  on  the  bearing  performance  should  be  studied. 
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